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 Abstract

Sandia National Laboratories has been investigating a new, integrated approach to generating
electricity with ultra low emissions and very high efficiency for low power (30 kW) applications
such as hybrid vehicles and portable generators.

Our approach utilizes a free piston in a double-ended cylinder.  Combustion occurs alternately at
each cylinder end, with intake/exhaust processes accomplished through a two stroke cycle.  A linear
alternator is mounted in the center section of the cylinder, serving to both generate useful electrical
power and to control the compression ratio by varying the rate of electrical generation.  Thus, a
mechanically simple geometry results in an electronically controlled variable compression ratio
configuration.

The capability of the homogeneous charge compression ignition combustion process employed in
this engine with regards to reduced emissions and improved thermal efficiency has been investigated
using a rapid compression expansion machine.  Eight different fuels, including propane, natural gas,
hydrogen, methanol, n-pentane, hexane, n-heptane, and isooctane have been used at low
equivalence ratio (φ ~ 0.35) and initial temperatures of 25°C, 50°C and 70°C.

The results indicate that the cycle thermal efficiency can be significantly improved (56% measured)
relative to current combustion systems, while low NOx emissions are possible (<10 PPM).  HC and
CO emissions must be controlled through some aftertreatment technology.  The primary cause of



this high conversion efficiency is nearly constant volume combustion at high compression ratio (~
30:1).

 Introduction

Sandia National Laboratories is developing a combustion-driven generator set for application in both
transportation and stationary power systems.  Our goal is to maximize the thermal efficiency at a
particular operating point while releasing essentially zero emissions.  The operating principle is to
ignite and burn lean (fuel/air equivalence ratio (φ) ~ 0.4) homogeneous charge mixtures, thereby
improving the indicated thermal efficiency (Edson and Taylor 1964), while reducing the peak
cylinder temperatures to a level where essentially no NOx is formed (Van Blarigan 1996).  Based on
measured  engine-out emissions from a rather conventional, but optimized for hydrogen, four stroke
cycle spark ignition engine, we project compliance with the California Air Resources Board’s
(CARB) proposed standard for equivalent zero emissions vehicles, when the generator set is
integrated into a series type hybrid power train for a standard size automobile (Van Blarigan 1996).

The motivation for the present work derives from the fact that internal combustion (IC) engines used
in these types of applications have operating requirements that are significantly different from IC
engines used in conventional drivetrain applications.  Here, shaft power is not required since all of
the output power is converted to electrical energy.  As well, the engine can be operated within a
narrow speed/power output range, cycling on and off as needed.  Finally, engine operation can be
controlled automatically so that throttle response is unimportant.

In addition to operational differences, there are powerful incentives for advanced IC engines to have
the capability of operating efficiently on a multitude of fuels (both conventional and
unconventional) without significant hardware modification.  Such versatile engines would help to
improve the viability of futuristic fuels such as methanol and hydrogen.

The combination of these unique operating parameters and the results from our spark ignition
engine program, has led us to formulate a new design specific to electric power applications, which
is different from conventional configurations.  The primary goals considered in this development are
high energy conversion efficiencies and stringent emissions compliance.  The result is an engine that
operates on a unique homogeneous charge compression ignition (HCCI) combustion process using
a free piston geometry.

The remainder of this paper develops the rationale behind the new concept, details the experimental
apparatus used to validate the combustion approach, presents the results gathered utilizing a variety
of different fuels, and discusses the significance of the data to date.  Future papers will detail further
developments of the generator concept.



 Background

Advanced hybrid vehicles and stationary power systems will no doubt be powered by electrical
generators capable of high conversion efficiencies and extremely low exhaust emissions.  Fuel cells
are generally considered to be ideal devices for these applications where hydrogen or methane is
used as the fuel.  In the near term however, the extensive development of the IC engine, and the
existence of repair and maintenance industries associated with piston engines provide strong
incentives to remain with this technology until fuel cells are proven reliable and cost competitive.  In
addition, while the fuel cell enjoys high public relations appeal, it seems possible that it may not
offer significant efficiency advantages relative to an optimized combustion system.  In light of these
factors, the capabilities of internal combustion engines have been reviewed.

In regards to thermodynamic efficiency, the Otto cycle theoretically represents the best option for an
IC engine cycle.  This is due to the fact that the fuel energy is converted to heat at constant volume
when the working fluid is at maximum compression.  This combustion condition leads to the
highest possible peak temperatures, and thus the highest possible thermal efficiencies.

Edson (1964) analytically investigated the efficiency potential of the ideal Otto cycle using
compression ratios (CR) up to 300:1, where the effects of chemical dissociation, working fluid
thermodynamic properties, and chemical species concentration were included.  He found that even
as the compression ratio is increased to 300:1, the thermal efficiency still increases for all of the fuels
investigated.  At this extreme operating point for instance, the cycle efficiency for isooctane fuel at
stoichiometric ratio is over 80%.

Indeed it appears that no fundamental limit exists to achieving high efficiency from an internal
combustion engine cycle.  However, many engineering challenges are involved in approaching ideal
Otto cycle performance in real systems, especially where high compression ratios are utilized.

Caris and Nelson (1959) investigated the use of high compression ratios for improving the thermal
efficiency of a production V8 spark ignition engine.  They found that operation at compression
ratios above about 17:1 did not continue to improve the thermal efficiency in their configuration.
They concluded that this was due to the problem of non constant volume combustion, as time is
required to propagate the spark ignited flame.

In addition to the problem of burn duration, other barriers exist.  These include the transfer of heat
energy from the combustion gases to the cylinder walls, as well as the operating difficulties
associated with increased pressure levels for engines configured to compression ratios above 25:1
(Overington and Thring 1981, Muranaka and Ishida 1987).  Still, finite burn duration remains the
fundamental challenge to using high compression ratios.

The goal of emissions compliance further restricts the design possibilities for an optimized IC
engine.  For example, in order to eliminate the production of nitrogen oxides (NOx), the fuel/air
mixture must be homogeneous and very lean at the time of combustion (Das 1990, Van Blarigan
1995).  (It is subsequently possible to use oxidation catalyst technologies to sufficiently control
other regulated emissions such as HC and CO.)  Homogeneous operation precludes Diesel-type



combustion, and spark ignition operation on premixed charges tends to limit the operating
compression ratio due to uncontrolled autoignition, or knock.  As well, very lean fuel/air mixtures
are difficult, or impossible to spark ignite.

On the other hand, lean charges have more favorable specific heat ratios relative to stoichiometric
mixtures, and this leads to improved cycle thermal efficiencies.  Since three way catalysts are no
longer required in this emissions controlling scheme, the operating equivalence ratio does not need
to be precisely controlled, as it does in conventional stoichiometric operation.  Equivalence ratio is
defined here as the ratio of the actual fuel/air ratio to the stoichiometric ratio.

 A New Combustion Approach

Homogeneous charge compression ignition combustion could be used to solve the problems of
burn duration, and allow ideal Otto cycle operation to be more closely approached.  In this
combustion process a homogeneous charge of fuel and air is compression heated to the point of
autoignition.  Numerous ignition points throughout the mixture can ensure very rapid combustion
(Onishi et al 1979).  Very low equivalence ratios (φ ~ 0.3) can be used since no flame propagation is
required.  Further, the useful compression ratio can be increased as higher temperatures are required
to autoignite weak mixtures (Karim and Watson 1971).

HCCI operation is unconventional, but it is not new.  As early as 1957 Alperstein, et al. (1958)
experimented with premixed charges of  hexane and air, and n-heptane and air in a Diesel engine.
They found that under certain operating conditions their single cylinder engine would run quite well
in a premixed mode with no fuel injection whatsoever.

In general, HCCI combustion has been shown to be faster than spark ignition or compression
ignition combustion.  And much leaner operation is possible than in SI engines, while lower NOx

emissions result.

Most of the HCCI studies to date however, have concentrated on achieving smooth releases of
energy under conventional compression conditions (CR ~ 9:1).  Crankshaft driven pistons have
been utilized in all of these previous investigations.  Because of these operating parameters,
successful HCCI operation has required extensive EGR and/or intake air preheating.  Conventional
pressure profiles have resulted (Thring 1989, Najt and Foster 1983).

In order to maximize the efficiency potential of HCCI operation much higher compression ratios
must be used, and a very rapid combustion event must be achieved.  Recent work with higher
compression ratios (~21:1) has demonstrated the high efficiency potential of the HCCI process
(Christensen et al 1998, Christensen et al 1997).



 Engineering Configuration

The free piston linear alternator illustrated in Figure 1 has been designed in hopes of approaching
ideal Otto cycle performance through HCCI operation.  In this configuration, high compression
ratios can be used and rapid combustion can be achieved.

Figure 1 - Free piston linear alternator.

The linear generator is designed such that electricity is generated directly from the piston’s
oscillating motion, as permanent magnets fixed to the piston are driven back and forth through the
alternator’s coils.  Combustion occurs alternately at each end of the piston and a modern two-stroke
cycle scavenging process is used.  The alternator component controls the piston’s motion, and thus
the extent of cylinder gas compression, by efficiently managing the piston’s kinetic energy through
each stroke.  Compression of the fuel/air mixture is achieved inertially and as a result, a
mechanically simple, variable compression ratio design is possible with sophisticated electronic
control.

The use of free pistons in internal combustion engines has been investigated for quite some time.  In
the 1950’s, experiments were conducted with free piston engines in automotive applications.  In
these early designs, the engine was used as a gasifier for a single stage turbine (Underwood 1957,
Klotsch 1959).  More recent developments have integrated hydraulic pumps into the engine’s design
(Baruah 1988, Achten 1994).

Several advantages have been noted for free piston IC engines.  First, the compression ratio of the
engine is variable; this is dependent mainly on the engine’s operating conditions (e.g., fuel type,
equivalence ratio, temperature, etc.).  As a result, the desired compression ratio can be achieved
through modification of the operating parameters, as opposed to changes in the engine’s hardware.

An additional benefit is that the mechanical friction can be reduced relative to crankshaft driven
geometries since there is only one moving engine part.  Also, combustion seems to be faster than in
conventional slider-crank configurations.  Further, the unique piston dynamics (characteristically
non-sinusoidal) seem to improve the engine’s fuel economy and NOx emissions by limiting the time
that the combustion gases spend at top dead center (TDC) (thereby reducing engine heat transfer



and limiting the NOx kinetics).  Finally, free piston engines are usually capable of operating on a
variety of fuels.

The combination of the HCCI combustion process and the free piston geometry is expected to result
in significant improvements in the engine’s thermal efficiency and its exhaust emissions.  The
following advantages should be found:

1. For a given maximum piston velocity, the free piston arrangement is capable of achieving
a desired compression ratio more quickly than a crankshaft driven piston configuration.
This point is illustrated in Figure 2 where the piston position profiles of both
configurations are plotted.  The reduced compression time should result in higher
compression of the premixed charge before the onset of autoignition.
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2. High compression ratio operation is better suited to the free piston engine since the

piston develops compression inertially, and as such there are no bearings or kinematic
constraints that must survive high cylinder pressures or the high rates of pressure
increase (shock).  The use of low equivalence ratios in the HCCI application should
further reduce the possibility of combustion chamber surface destruction (Lee and
Schaefer 1983, Maly et al 1990).

 
3. The free piston design is more capable of supporting low equivalence ratio operation, and

the correspondingly low IMEP levels due to the reduction in mechanical friction.

 Combustion Experiments

While several new concepts are brought together in this generator design, it is the use of the free
piston, HCCI combustion system that is the most significant.  In order for the generator to be
proven as a true advancement in IC engine technology, and to be able to compete with projected
fuel cell capabilities, it is critical that the potential for high thermal efficiency and extremely low



emissions be realized.  To determine the achievable efficiencies and emissions reduction capabilities
of the combustion system a series of experiments were conducted using a wide range of fuels.

A free piston, rapid compression-expansion machine (RCEM) has been used for the initial testing.
The RCEM consists of a double ended cylinder and a double ended free piston, where the enclosed
piston is allowed to move freely along the cylinder’s axis.  In this device, the combustion process is
isolated from the rest of the engine cycle.  The details of the RCEM and its operation can be found
in the Appendix; however, a brief description of the combustion experiments is presented here.

Fuel/air mixtures of eight different fuels were tested using various initial temperatures where the
energy density of the fuel/air charge was fixed.  The eight fuels included propane, natural gas,
hydrogen, methanol, n-pentane, hexane, n-heptane, and isooctane.  The natural gas was composed
of 93.13% methane, 3.2% ethane, 0.7% propane, 0.4% butane, 1.2% carbon dioxide, and 1.37%
nitrogen by volume.  An energy density of 1.15 kJ/L ±4% at STP was used for this study.  (This was
based on previous work with hydrogen in a modified spark ignition IC engine where the goal was to
minimize the combustion temperatures, and thus the NOx emissions (Van Blarigan 1996).)  The
individual fuel/air equivalence ratios were adjusted to meet this energy value and are listed in Table
1.  Initial charge temperatures of approximately 25°C, 50°C, and 70°C were used depending on the
ease of autoigniting the mixture at the lower temperatures.  For each different testing condition a
range of compression ratios was investigated, where these were also adjusted depending on the
fuel/air mixture’s autoignition characteristics.

The metrics by which different experimental points are compared are the indicated thermal
efficiency and the output emissions levels.  The thermal efficiency was calculated by measuring both
the pressure in the combustion chamber and the displacement of the piston.  The net work was
integrated over the compression and expansion strokes.  Since the combusted gas is not fully
expanded through the expansion stroke of the piston (as discussed in the Appendix), the full
potential of the thermodynamic cycle was determined by extrapolating both the piston position and
the cylinder pressure data.  This was done by matching the expansion line slope on a logarithmic
pressure - volume diagram, as shown in Figure 3.

The NOx, HC, and CO concentrations of the combusted gases were measured using continuous
exhaust gas emissions analyzers.  Since only a small quantity of gas sample was available for each
data point, modified measuring techniques were developed.  These are also detailed in the
Appendix.



 Experimental Results

The experimental results are presented in the following format.  For each fuel/air mixture a
logarithmic pressure vs. volume curve is plotted.  These plots enable visualization of the rapidity of
the combustion process, and the similarity to constant volume combustion conditions.  Next, the
thermal efficiency and emissions data are plotted versus the compression ratios investigated.  The
results of the test runs are summarized in Table 1, where the ranges of efficiencies and emissions are
given.
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For each testing condition (i.e., fuel/air equivalence ratio and initial temperature), the critical
compression ratio, defined as the compression ratio required for TDC autoignition, is approximately
fixed.  Top dead center autoignition is where combustion occurs just as the piston reverses direction.
TDC autoignition was easily discernible for the fast burning fuels like propane and hydrogen,
however, such a definition was impossible for the slower burning fuels like n-pentane and hexane.

Compression ratios less than the critical compression ratio led to late ignition points (i.e., ignition
after the piston passed TDC) or to no combustion at all.  Compression ratios greater than the critical
values seemed to simply over-compress the combusted gases, as in the case of the rapid burning
fuel mixtures, or ensured further oxidation of the fuel, as in the case of n-pentane, hexane, and n-
heptane and air mixtures.

The results for propane are presented first.  Figure 4 plots the log pressure vs. log volume curve for a
near TDC autoignition point.  Here the equivalence ratio was 0.337 and the initial temperature 22°C.
The compression ratio for this trace was  36:1.  In this plot the piston position and pressure traces
were smoothed using a binomial method to remove noise; this is consistent throughout the paper.
The smoothing process, however, did not affect the efficiency calculations presented later.
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In Figure 4 the similarity to the constant volume combustion process is evident.  The rapidity of the
HCCI process for this mixture is also illustrated in Figure 5 where the pressure vs. time curve is
plotted.  Autoignition occurs just at TDC and the duration of combustion is approximately 50 µs.
As can be seen, the piston has hardly moved during this time.

Noticeable in Figures 4 and 5 is the intensity of combustion.  The burning event is so rapid that
considerable ringing is generated in the pressure and displacement records (this accounts for the
sawtooth pattern and other irregularities in the figures).  The vibration of the experimental apparatus
due to combustion is further discussed in detail in the Appendix.

Table 1 - Experimental Results.

Fuel  φ Tini CR ηTH NOx HC CO

Propane 0.337 22, 54°C 34-70:1 50-60 % < 15 PPM 100-800 PPM C3Hy 300-800 PPM

Natural Gas 0.365 23, 67 30-54 50-55 10-130 600-2000 250-800

Hydrogen 0.319 22, 49, 67 17-50 40-55 1-550 < 25 < 120

Methanol 0.330 25 38-70 54-58 15-45 ~ 600 300-800

n-Pentane 0.335 25 23-36 47-50 < 10 900-1050 800-1050

Hexane 0.336 26 19-34 40 < 5 1000-2000 1000-2500

n-Heptane 0.334 24 16-47 10-40 < 5 2000-4500 900-3000

Isooctane 0.321 25, 70 16-74 30-55 1-70 800-1050 300-3000
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Figure 6 gives the efficiency and NOx levels as a function of compression ratio.  Some of the NOx

emissions data are missing due to lost gas samples or the use of the combusted gases for analysis of
gas leakage (as explained in the Appendix).

For an initial temperature of 22°C, autoignition of the propane/air mixture first occurs at a
compression ratio of about 34:1.  The calculated efficiencies are somewhat scattered but fairly steady
after this point, falling between 50% and 60%.  The tests performed using an initial temperature of
57°C are consistent with these results.  The NOx emissions levels are all below 15 PPM, increasing
slightly with increased compression.  The increase in NOx was expected as the cylinder gases are
compressed to higher temperatures after combustion.

Figure 7 plots the unburned hydrocarbon and carbon monoxide emissions as a function of
compression ratio.  Some of the HC and CO emissions data are also missing.  Here the hydrocarbon
emissions are reported as parts per million of C3Hy.

With increasing compression there seems to be little pattern to the change in HC emissions, while
the CO emissions tend to decrease with increased compression.  The HC emissions range from 100
to 800 PPM, and the CO emissions vary from 300 to 800 PPM.

Figures 8, 9 and 10 give the log pressure vs. log volume, thermal efficiency and NOx vs. compression
ratio, and HC and CO emissions vs. compression ratio, respectively, for natural gas at an
equivalence ratio of 0.365.  Initial temperatures of 23°C and 67°C were used.

From Figure 8 it is evident that near constant volume combustion is possible with this fuel mixture.
The duration of combustion in this case is approximately 65 µs.  This is slower than the propane/air
mixture, but still relatively fast.
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The minimum compression ratio required for autoignition is much higher than that required for
propane.  At an initial temperature of 23°C late autoignition first occurs at about 44:1, and at an
initial temperature of 67°C the critical compression ratio is approximately 30:1.  The thermal
efficiency is fairly constant for both test conditions over the range of compression ratios
investigated.  There is less scatter in these points probably due to the refinement in the experimental
procedure; typical results are about 54%.  The NOx data show a more defined increasing trend with
compression ratio, while the HC and CO emissions both decrease with compression ratio for each of
the temperatures investigated.
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Figure 9 - Indicated thermal efficiency and NOx emissions vs. compression ratio.
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Further oxidation of the cylinder gases seems to be the cause of the decrease in HC and CO
emissions.  Increased initial temperature only slightly affects the emissions levels.

It should be noted that the scales for the efficiency and emissions plots are the same as those for the
propane/air mixture.  It can be seen that the NOx and HC emissions for natural gas are higher than
those for propane, however the CO emissions levels are comparable.

Figures 11, 12, and 13  show the results for hydrogen.  In these runs an equivalence ratio of 0.319
was used at initial temperatures of 22°C, 49°C, and 68°C.  Figure 11 illustrates the near constant
volume combustion process for this fuel/air mixture at an initial temperature of 22°C.  The duration
of combustion is only 20 µs, the shortest combustion time recorded for any of the fuels tested.
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Figure 12 - Indicated thermal efficiency and NOx emissions vs. compression ratio.

The minimum compression ratios required for combustion are 30:1, 22:1, and 17:1 for initial
temperatures of 22°C, 48°C, and 68°C, respectively.  A significant amount of scatter is present in the
efficiency points due to the fact that hydrogen was the first fuel tested.
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Figure 13 - HC and CO emissions vs. compression ratio.

There seems to be little pattern to the change in efficiency with increased compression after TDC
autoignition and only a small variation with changes in the starting temperature, even though the
critical compression ratio is significantly affected.

The NOx emissions are greater (a maximum of 530 PPM at an initial temperature of 67°C) than both
the propane and natural gas mixtures, where the scale in Figure 12 is significantly increased.  The
NOx levels for hydrogen also increase with compression of the cylinder charge after TDC
combustion.



The HC and CO emissions data presented in Figure 13 represent the background emissions levels
found in the system.  These emissions are possibly due to contamination of the combustion
chamber by piston ring lubricant oxidation, where this is discussed in the Appendix.  (Ring lubricant
oxidation could also be a source of error in the efficiency calculations for both hydrogen and
propane fuels, where this would indicate higher than expected thermal efficiencies.) The
hydrocarbon levels are below 20 PPM, and the carbon monoxide levels below 120 PPM.

The methanol test data is presented in Figures 14, 15 and 16.  An equivalence ratio of 0.330 was used
at an initial temperature of 25°C.  From Figure 14, it is seen that near constant volume combustion is
also possible with methanol.  The duration of combustion is approximately 80 µs, and the critical
compression ratio about 35:1.

The indicated efficiencies range from 54-58% with a slight increase with compression ratio.  The
NOx emissions also increased slightly with compression, where the peak value was 43 PPM.  The
HC and CO emissions levels are comparable to the levels seen with propane, and the CO
concentrations decrease with over-compression after TDC combustion.
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Figure 15 - Indicated thermal efficiency and NOx emissions vs. compression ratio.
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The results from the n-pentane tests are presented in Figures 17-20.  An equivalence ratio of 0.335
was used at an initial temperature of 25°C.

From Figure 17 it is evident that this fuel does not burn in a near constant volume process.  Two
stages of combustion are clearly discernible from this plot.  The first stage of fuel decomposition
occurs at a compression ratio of about 18:1, and further  compression is required to more completely
oxidize the fuel.

The second stage, or point of major heat release occurs at approximately 23:1.  This two stage
process is much slower than the HCCI processes previously seen, taking approximately 600 µs to
complete.



The two stages of autoignition combustion are illustrated in Figure 18 where the pressure vs. time
curve for this data point is plotted.  The nature of this two stage HCCI process has been previously
reported in (Park and Keck 1990) where a rapid compression machine has been used to investigate
the autoignition characteristics of various fuels.
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Figure 19 - Indicated thermal efficiency and NOx emissions vs. compression ratio.
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Figure 20 - HC and CO emissions vs. compression ratio.

The efficiency calculations in Figure 19 exhibit a steady behavior with increasing compression,
however, they are generally lower than the results from the previous fuels.

The NOx and HC emissions only slightly increase with compression and range from less than 10
PPM and 900-1050 PPM, respectively.  The CO emissions decrease slightly from about 1050 to 800
PPM with compression, where these concentrations are comparable to the other fuels.



The results for hexane are presented in Figures 21, 22, and 23.  An equivalence ratio of 0.336 and an
initial temperature of 25°C were used.  Hexane also exhibited two-stage type HCCI combustion.
Again, near constant volume combustion was impossible, with the duration of combustion about
600 µs.
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Figure 22 - Indicated thermal efficiency and NOx emissions vs. compression ratio.
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Figure 23 - HC and CO emissions vs. compression ratio.
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Figure 25 - Indicated thermal efficiency and NOx emissions vs. compression ratio.
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Figure 26 - HC and CO emissions vs. compression ratio.

The efficiency and NOx and HC emissions data are steady with compression ratio, while the CO
emissions decrease.  However, the results indicate that the HCCI  process did not completely
oxidize the fuel.  The efficiency and NOx are low (40% and <5 PPM, respectively), while the HC and
CO emission are high (1000-3000 PPM) with respect to the other fuels.

Figures 24, 25, and 26 show the results for n-heptane.  An equivalence ratio of 0.334 and an initial
temperature of 24°C were used.  It is evident that the HCCI combustion process for n-heptane also
proceeds in two stages.

The efficiency results from Figure 25 indicate that at low compression ratios some reaction of the
fuel occurs, however, even at compression ratios near 50:1 it seems as if combustion does not go to
completion.  The emissions data further support this conclusion.  An increased initial temperature
may improve the combustion conditions, however, this was not investigated.



The final data set is for isooctane, shown in Figures 27, 28 and 29.  An equivalence ratio of 0.321
was used at initial temperatures of 25 and 70°C.  Isooctane, like propane and natural gas, burned in a
single step process and at nearly constant volume, as can be seen in Figure 27.  However, the
efficiency and emissions data indicate that the combustion process did not go to completion when
the initial temperature was 25°C.

Further testing at 70°C seemed to improve the combustion conditions where higher efficiencies and
lower emissions resulted.  The trends with compression ratio at this starting temperature are similar
to natural gas, however, the thermal efficiency is still lower than the most efficient fuels.

 Discussion

The purpose of the combustion experiments was to establish the potential for high efficiency and
low emissions of the free piston, HCCI combustion process.  The data presented here do that,
illustrating that significant improvements relative to conventional technologies are possible.

Compared to ideal Otto cycles operating at standard compression ratios (12:1) and using
stoichiometric mixtures (about the limit of today’s SI engines with three-way catalysts), ideal Otto
cycles operating on much higher compression ratios (30:1) and utilizing lean mixtures are capable of
thermal efficiency improvements of near 40%.  Our experiments show a similar improvement
relative to contemporary engine performance (Muranaka and Ishida 1987) with fuels such as
propane, hydrogen, and natural gas, where indicated efficiencies near 56% have been measured.
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Figure 28 - Indicated thermal efficiency and NOx emissions vs. compression ratio.

100

1000

104

100

1000

104

10 20 30 40 50 60 70 80

HC,  T initial = 25 C
HC,  T initial = 70 C
HC,  T initial = 70 C

CO,  T initial = 25 C
CO,  T initial = 70 C
CO,  T initial = 70 C

H
C

  (
P

P
M

 C
3H

y)

C
O

  (
P

P
M

)

Compression Ratio

P initial = 1.5-2 ATM P initial = 1.5-2 ATM

Isooctane
φ = 0.321

Figure 29 - HC and CO emissions vs. compression ratio.

Comparison of these results to actual engine data, however, must be done with great caution since
the intake and exhaust processes are not included, and the fuel/air mixture is completely
homogeneous and quiescent before the compression stroke.  However, the following trends are
noted for the free piston, HCCI combustion process:

1. High compression ratio can be achieved at the time of combustion.  While the initial
temperature and fuel type have a strong effect on the compression ratio at which the
combustion reactions begin, compression ratios above 30:1 seem achievable for practical
operating conditions (e.g., inlet temperature, etc.).  The data are unclear regarding
efficiency improvements with increased compression ratio, though this could be due to
the range of starting temperatures used and the variation with the different fuels
investigated.

 



2. The high rate of combustion in many cases approaches the constant volume combustion
condition.  This is especially true for the fuels which have a single stage combustion
process (propane, natural gas, hydrogen, methanol, and isooctane).
 

3. Over-compression of the cylinder gases after autoignition occurs does not seem to
significantly affect the cycle thermal efficiency.  While it is possible that greater heat
losses are balanced by an increase in the extent to which the fuel/air mixture reacts to
completion, this effect cannot be large since the greatest heat release occurs earlier in the
compression stroke.  This seems to indicate that heat losses do not significantly increase
with over-compression.  This conclusion is justified by the fact that operation of the
experiment without the piston and cylinder head insulation coatings resulted in an
efficiency only 5% less than the insulated runs.
 

4. NOx emissions do increase with over-compression.  This is due mainly to the increased
temperatures that result, or the increased time that the cylinder gases spend at higher
temperatures.
 

5. NOx emissions can be sufficiently controlled by decreasing the equivalence ratio, since
the problems of spark igniting ultra lean mixtures are not of concern in the HCCI
combustion process.  HC and CO emissions are present in varying degree,  but
increasing the initial temperature generally seems to reduce these emissions.

 
6. The autoignition characteristics of the fuels tested in these experiments varied widely,

and as such the efficiency and emissions results differed significantly.  As the data show,
some fuels do not react completely, or react in two steps.  Generally, higher initial
temperatures and higher compression ratios were required to burn more of the fuel to
completion.  An additional factor that may affect the burning process, especially for the
two stage fuels, is the rate of piston oscillation.  This variable should be investigated in
the future.

The oxidation catalyst performance on these emissions should be investigated in the future.  An
interesting possibility for emissions control would be to utilize 50% internal EGR (i.e. leave 50% of
the combustion products in the cylinder) and add a stoichiometric fresh charge to the remaining
cylinder volume.  Such an operating strategy with a three-way catalyst could be very attractive.  A
test series investigating this option was performed with propane where the emissions after 4 cycles
were measured.  NOx was 130 PPM, CO 1720 PPM and HC 360 PPM.  The indicated thermal
efficiency was 50%.

Current research with HCCI combustion in crankshaft driven engines have shown results similar to
ours.  Christensen et al (1997) evaluated isooctane, ethanol and natural gas in a 1.6 liter displacement
single cylinder research engine at a fixed 21:1  compression ratio, at a speed of 1000 RPM.  Their
efficiency results (not including the inlet/exhaust strokes) using similar equivalence ratios are over
50%.

This research raises the question as to the importance of the free piston geometry to this combustion
concept.  Certainly the lack of massive kinematic constraints is attractive for such high compression
ratios, and the electronic control of compression ratio broadens the operating range.  However, the



increased compression ratio possible with the free piston at the time of combustion may not provide
much advantage.  In the future the performance of the combustion system using a free piston and a
crankshaft driven piston under identical operating condition will be compared.

Finally, our work, as well as Christensen’s, adds further credibility to the explanation of timing loss
as the main cause for real cycle departure from ideal cycle performance as compression ratio is
increased.

 Summary

This paper presents the results of an investigation conducted to determine the effect of
homogeneous charge compression ignition combustion of dilute fuel/air mixtures with a free piston
on the cycle thermal efficiency and exhaust emissions.  The investigation was conducted in a single
stroke gas driven combustion experiment in which an initially quiescent, premixed fuel/air charge
was compressed to the point of autoignition and then expanded.  The cycle thermal efficiency was
calculated from measurements of pressure and piston displacement, and the NOx, HC, and CO
emissions were measured on the combustion gases using continuous exhaust gas analyzers.

The results of this study have shown that significant improvements in indicated thermal efficiencies
relative to spark ignition engine performance can be achieved.  The results for propane and natural
gas were approximately 56%.  The primary cause of this high conversion efficiency is nearly
constant volume combustion at high compression ratio.

In addition, this combustion approach controls NOx formation by utilizing dilute mixtures, an
approach not possible in spark ignition engines utilizing hydrocarbon fuels.  Regulated emissions
such as HC and CO must be controlled by exhaust gas aftertreatment.
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Figure A.1 - Schematic of free piston combustion experiment.

 Appendix

Rapid Compression Expansion Machine

A schematic of the RCEM and the experimental setup is illustrated in Figure A.1.  The RCEM uses
high pressure helium gas to drive a double ended, free piston from one end of a double ended
cylinder to the other.  This driving motion compresses the initially quiescent fuel/air charge to the
point of autoignition.  As the combusted gases expand the piston is driven back through the cylinder
recompressing the helium driver gas.  The piston bounces a few times before coming to rest.  The
oscillating piston motion from a typical run is illustrated in Figure A.2.  Here it can be seen that the
piston does not fully return to its initial position due to the compression of the trapped helium gas.

The relevant specifications of the RCEM can be found in Table A.1.  A detailed description of the
machine’s construction and operation follow.

Double-Ended Cylinder
The cylinder section was constructed of 6061-T6 aluminum with the dimensions of 35.56 cm length,
7.62 cm inside diameter, and 15.24 cm outside diameter.  The cylinder bore was hard anodized and
honed to a finish of 16-32 microinches.  The body was wrapped with Briskheat electrical heating
tape and covered with FiberFrax insulation to perform heated experiments.



Cylinder Heads

The front and back cylinder heads were constructed of 304 stainless steel.  The front head
(combustion chamber) contained access ports for two pressure transducers, two surface
thermocouples, an air-operated pressure trap, and fuel loading.   All pressure transducer holes were
centered on a radius of   25 mm.  The port for fuel loading was located in the center of the head.  The
back cylinder head contained access ports for one pressure transducer and the source driver gas.
Both cylinder heads were wrapped with Briskheat electrical heating tape, over wrapped with
ThermoTec insulation, and then covered with FiberFrax insulation.

Table A.1 - Rapid Compression - Expansion Machine Specifications.

Bore (mm) 76.2
Stroke (mm) 254 max, 236 typical
Displacement (L) 1.076 typical
Cylinder 6061 aluminum,

hard anodized
Cylinder Head 304 stainless steel
Piston 303 stainless steel
Maximum Piston
Speed (cm/s)

1100 typical

Natural Oscillation
Frequency (Hz)

40 typical
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Figure A.2 - Piston position vs. time.



Piston and Seals

The double ended piston was machined from 303 stainless steel to the dimensions of 11.05 cm
length and 7.85 cm diameter.  The mass of the piston, including the piston seals, was 2.89 kg.

In order to accurately quantify the thermal efficiency of the cycle it was important that the cylinder
gases not be lost to leakage from the combustion chamber.  In an effort to seal off the front
chamber, three different seal configurations were used.  These are described in detail below.  The
final combination represented the best option for the combustion experiment’s operation, and
produced the most consistent data.

In the first configuration each end of the piston was fitted with one ring seal.  A Furon lip seal (part #
250-334-3307) was used in conjunction with a stainless steel expander spring.  Additionally, a Teflon
sleeve was attached to piston’s midsection to improve the piston’s movement inside the cylinder.
Parker Teflon-impregnated o-rings (part #2-334-V848) were used in place of  the Furon seals in
some tests.

In the second configuration the piston was fitted with two seals located on the combustion chamber
end, and one seal on the driver end.  In this design a C. Lee Cook compression ring (part #
559648WGX) was used on the outer combustion chamber end, and behind that, a Furon lip seal
(part # 250-334-3307).  Here an o-ring was used in the place of the expander spring.  On the driver
end, a Furon lip seal was used with the stainless steel expander ring.  In addition to these outer seals,
two C. Lee Cook bronze-impregnated Teflon rider rings (part # 559647MFL) were fitted to the
piston’s midsection.  Parker Teflon-impregnated o-rings were also used in place of the Furon ring on
the combustion chamber end in later tests.

The third seal configuration used two seals on the combustion chamber end and one on the driver
end.  The outer combustion chamber seal used a Parker orange Teflon ring (part # S-5000-48), and
behind that a Furon lip seal (part # 250-334-3307) with an o-ring expander second ring.  On the
driver end a Furon lip seal was used in conjunction with a stainless steel expander spring.  In this
configuration, two C. Lee Cook bronze-impregnated Teflon rider rings were used.  In later tests a
Parker Teflon impregnated o-ring was used in place of the Furon seal on the combustion end.

Due to the changes in the piston/seal mass resulting from the different seal configurations, the
piston’s center section had to be machined so that the total piston/seal mass of 2.89 kg could be
maintained.

Seal Lubrication

In early tests Parker silicone based Super-O-Lube was used to lubricate the o-rings.  This lubricant
however, was found to partially oxidize during the experimental runs.  This was especially
noticeable after the hydrogen and isooctane tests.  Deposits were found on both the piston and
cylinder head, and within the tubing leading to the emissions analyzers.  Inaccurate readings of the
exhaust emissions and fouled efficiency calculations resulted.  The extent to which the emissions
data were skewed can be seen in Figure 13, where the HC and CO emissions should have been null.



The use of seal lubrication was discontinued after this finding and the experimental apparatus fully
cleaned.

Piston and Cylinder Head Coating

The piston crown and combustion chamber head were coated with Dow Corning Silastic J silicone
in order to reduce the heat transfer between the cylinder gases and the combustion chamber
surfaces.  The details of the application procedure are described below.

The piston and cylinder head were first glass bead blasted to roughen the surface, and then wiped
with acetone to remove any contamination.  The cylinder head was masked off with a 15.24 cm
diameter round plastic adhesive sheet that had a 7.62 cm hole in the center.  This mask was used to
limit the area covered with Silastic J and to set the depth of the coating.  Both parts were primed
with Dow Corning P5200 adhesion promoter.

After the primer dried, the silicone was applied to both parts with a spatula.  The silicone was also
applied to an aluminum blank that had been treated with mold release.  The blank had three small
pins, each protruding 0.5mm from its surface which were used to maintain a gap between the piston
and the blank.

The piston and cylinder head, and blank were then placed in a vacuum chamber to degas the Silastic
J.  The parts were removed from the vacuum chamber and the piston placed on the aluminum blank.
The weight of the piston forced the excess from between the piston and the blank leaving the piston
resting on the blank’s pins.  The coating on the cylinder head was leveled with the mask by drawing
a straight edge across the surface.

Both parts were allowed to cure overnight with a final cure the next day in an oven at 60 C for four
hours. The coating thickness was verified by slicing the coating from each part with a razor and
measuring its thickness with a caliper.

Fuel Mixing

Both liquid and gaseous fuels were tested.  For gaseous fuels a premixed charge storage bottle (10
liters) was evacuated to a pressure of 1 Torr or less, and then filled with the fuel to a desired pressure
(calculated based on the fuel/air equivalence ratio).  When this pressure was reached, the bottle was
valved off and the contents allowed to achieve a stable temperature.  Changes in the fuel’s pressure
were recorded, and then dry air was slowly added until the total fuel and air pressure reached the
required value.

For liquid fuels two methods were used to mix the fuel and air.  The first method used a direct
cylinder injection technique while the other relied on the use of a premixed storage bottle.  A brief
description of each follows.

In the first method the combustion chamber was initially filled with dry air to atmospheric pressure
and sealed off.  The fuel loading port was opened and a small amount of fuel injected directly into
the cylinder using a stainless steel syringe.  The port was quickly closed and the mass of injected
fuel measured on a Mettler AE-163 scale.  The fuel was then allowed to completely evaporate.  This



process lead to variations in the fuel/air equivalence ratio between test runs so a new method of fuel
loading was developed.

In the second method the premixed storage bottle was initially evacuated to a pressure of 1 Torr or
less.  A small container containing liquid fuel was then connected to the storage bottle housing and
the fuel allowed to evaporate into the bottle and piping.  Once the bottle pressure and temperature
stabilized the bottle was valved off and the liquid fuel container removed.  Dry air was added to the
storage bottle until the desired equivalence ratio was reached.  Care was taken to ensure that the fuel
remained vaporized at room temperature.

Mass spectrometer analysis has verified the precision of each mixing method.

The RCEM was located in a high pressure test cell.  The transfer of the combustible gas mixes from
the 10 liter fuel/air tank to the experiment cylinder was done remotely, as was the addition of air to
the fuel/air storage tank and the firing of the device.

Cylinder Charging

To fuel the experiment the piston was moved to its initial position at the back of the cylinder by use
of vacuum and atmospheric pressures.  The entire assembly was then evacuated to a pressure of 1
Torr or less, and the premixed fuel/air charge loaded through the fueling port to a cylinder pressure
of about 760 Torr.

Piston Driving

The helium driver gas was remotely pumped up to the required driving pressure using a Newport
Scientific Aminco pump.  The driver gas pressure was typically 362,000-490,000 Torr, depending on
the desired compression ratio (higher compression ratios required higher driver pressures).  To
dump the high pressure helium gas into the driver end of the cylinder, a specially modified Nupro
bellows valve actuated with an Autoclave Engineers air operator (also driven by helium) was used.
With this configuration the driver supply was quickly released into the back end of the cylinder.
Data acquisition was triggered by the rising pressure in the driver end.

Pressure Measurement

The static magnitude of all low pressure gases was measured using two 10,000 Torr absolute
pressure range MKS Barratrons, Type 390 HA heads with Type 270B display units achieving an
accuracy of 0.05% of reading.  High pressure gases (i.e., helium) were measured using Teledyne-
Taber strain gauge transducers with an accuracy of 0.25% of full scale.

Dynamic pressures were measured using piezoelectric effect transducers.  Pressure on the driver end
was quantified with a Kistler Type 607 transducer coupled to a Kistler Type 5004 charge amplifier.
The combustion end utilized two transducers.  Kistler Type 7061A, 7063A, 7061B, 607L, and  AVL
Type QC42D-X were employed with Kistler Type 5010 and 5026 charge amplifiers.  To improve the
accuracy of the combustion pressure measurements the transducers were coated with Dow Corning
Silastic J silicone compound.  The application procedure was essentially the same as that used for
the piston/cylinder head coating, and is described below.



Pressure data were recorded on three Nicolet 4094 digital oscilloscopes through 12 bit Type 4570
plug-ins, at a rate of 500,000 samples per second.

In order to ensure the accuracy of the combustion chamber pressure record, an additional Teledyne-
Taber Type 2210 transducer was added to the cylinder head.  This transducer was isolated from the
combustion event through the use of an air operated valve.  The valve, initially closed, was opened
during the first expansion stroke so that the final expansion pressure could be recorded.  A
Daytronic Type 3270 strain gage conditioner/indicator was used in conjunction with this transducer.

A comparison of the Teledyne-Taber transducer record to the Kistler and AVL records indicated
that the AVL unit matched the Teledyne-Taber record better.

Pressure Transducer Coating

The procedure for applying the Silastic J thermal coating to the pressure transducers is described
here.  The application procedure for the Kistler and AVL pressure transducers was very similar to
the piston/head coating procedure.  The transducers were first glass bead blasted to roughen the
surface, and then wiped with acetone to remove any contamination.  The transducers were coated
with Dow Corning P5200 adhesion promoter; this promoter was found to work equally well for the
plain style stainless steel face transducers and the TiN coated transducers.

After the primer dried the transducers were threaded into a setup fixture and locked with their faces
0.5mm below the surface of the fixture.  Silastic J was then applied to the transducers with a spatula.
The transducers were placed in a vacuum chamber to degas the Silastic J.  The transducers and
fixture were then removed from the chamber and the Silastic J leveled by pulling a razor across the
surface of the setup fixture.  The transducers were then allowed to cure overnight with a final cure
the next day in an oven at 60 C for four hours.  After the transducers cooled they were removed by
slicing the Silastic J around the transducer face and unthreading them from the fixture.  The coating
thickness was verified by coating one transducer without first priming it.  This allowed the cured
Silastic J to be peeled from the transducer and its thickness measured with a caliper.

Displacement Measurement

The piston displacement was measured using a Data Instruments FASTAR Model FS5000HP
inductive transducer.  Data were recorded on a fourth Nicolet 4094 digital oscilloscope at a rate of
200,000 samples per second.



Vibration Measurement

The vibration of the rapid compression-expansion machine was measured using two Endevco
Model 2250A M1-10 accelerometers mounted on the back end cylinder head.  One accelerometer
recorded vibrations along the cylinder’s axis, while the other recorded movement in the transverse
direction.  Both accelerometers were connected to Unholtz-Dickie Mod D22 series charge amplifiers
and data were recorded on a fifth Nicolet 4094 digital oscilloscope through 12 bit Type 4570 plug-
ins, at a rate of 500,000 samples per second.

The physical vibration of the RCEM was thought to be a source of noise in the pressure and
displacement  data records as seen in Figure 5.  This was confirmed by analyzing the vibration
history of the machine.

Figure A.3 plots the transverse acceleration of the machine along with the position-time trace.  It can
be seen that the machine shakes considerably after the combustion event.  This motion was
concluded to be responsible for the jaggedness of the position data, and the sawtooth shape of the
pressure record.

Exhaust Emissions

Due to the small quantity of combusted gas available, a series of steps were taken to maximize the
analysis of the combustion products.  After each run the cylinder gas was fed through an Omega
Engineering, Inc. Model FMA 7305 flow controller and into the analyzer manifold.  Separate
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Figure A.3 - RCEM lateral acceleration and piston position vs. time.

valves were used to control the flow into each emissions analyzer.  The feeds were split from the
flow meter and only one analyzer used at a time.  The free piston-cylinder arrangement maintained a
constant back pressure on the combusted gases.

Analysis of the NOx, CO, CO2, and HC concentrations was achieved by alternating the flow through
each emissions analyzer.  The response time for each detector was quantified through the calibration
procedure.



Emissions Calibration

Each of the analyzers used was calibrated in the same manner.  First, appropriate zero and span
gases from compressed gas cylinders were sent through each analyzer via the flow meter manifold
described above.  After each analyzer was calibrated, the span gas was reintroduced to the analyzer
to determine the response time required to achieve consistent readings.

This procedure was then repeated, but this time with the zero and span gas sources located in the
piston-cylinder device.  The response time for data acquisition in this manner was also noted.

NOx Measurement

A Rosemont Analytical Model 951A NOx analyzer was employed for NO and NOx measurement.
This analyzer was calibrated using  a 6.7 parts per million (PPM) NO span gas.  Since only one
cylinder’s worth of combustion products was available for analysis, the bypass flow was eliminated,
and the burned gases pumped directly through the analyzer.

CO Measurement

A Rosemont Analytical Model 880A Non-Dispersive Infrared CO analyzer was employed for CO
measurements.  This analyzer was calibrated using an 801 PPM CO span gas.

CO2 Measurement

A Rosemont Analytical Model 880A Non-Dispersive Infrared CO2 analyzer was employed for CO2

measurements.  This analyzer was calibrated using a 3.89% CO span gas.

Unburned Hydrocarbon Measurement

A Rosemont Analytical Model 400A flame ionization hydrocarbon analyzer was employed for
unburned HC measurements.  This analyzer was calibrated using a 110 PPM propane-in-nitrogen
background span gas.  In this device the bypass flow was also eliminated, and the burned gases
pumped directly through the analyzer.

Combustion Gas Analysis

In order to quantify leakage of the gases from the cylinder during the test sequence, the combusted
gases were periodically examined using pressure-volume-temperature (PVT) analysis.  In this post
test procedure the combustion products were expanded into a larger measurement tank (10 liters) to
a pressure of approximately 80 Torr to ensure that all the water vaporized.  Due to the small quantity
of gas available only a PVT test or emissions analysis could be performed.
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